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Abstract 

This paper focuses on the numerical analysis of the vibroacoustic behavior of an electric window-lift 

gear motor for automotive vehicle which consists of a DC motor and a worm gear. A dynamic modelling 

of the gear motor is proposed. The excitation sources correspond to radial electromagnetic forces applied 

to steel stator, electromagnetic input torque fluctuation, rotor mechanical imbalance, worm gear static 

transmission error and mesh stiffness fluctuations and gear wheel eccentricity. Parametric equations of 

motion are solved using an iterative spectral method. It allows the computing of the vibroacoustic 

response of the system, taking account of the interaction between the mesh stiffness fluctuation and the 

other excitations. The simulation results are validated from comparison with experimental vibroacoustic 

measurements performed with a specific test bench. Spectrograms of the dynamic response show 

components corresponding to the harmonics of the excitation spectra, as well as lateral components 

arising around the mesh frequency and the input torque fluctuation frequency. This spectral enrichment 

is generated by the interaction between the mesh stiffness fluctuation and the other excitations. The 

lateral components contribute little to the overall level of the vibroacoustic response but they may have 

a significant impact on the quality of noise radiated directly by the gear motor or indirectly by its 

supporting structure. Finally, the weights of the different excitation sources to the spatial-average mean-
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square velocity of the radiating surface and the equivalent global dynamic force transmitted to the 

supporting structure are compared. 

Keywords: electromagnetic force; mechanical imbalance; static transmission error; mesh stiffness 

fluctuation; eccentricity; dynamic transmitted force. 

1. Introduction 

Like other performances offered by an automotive vehicle such as safety, dynamics and fuel economy, 

the acoustic comfort within the passenger compartment has to be considered closely in the design 

process. During last decades, efforts have been continuously made to significantly reduce noise emission 

of powertrain [1]. Consequently, nuisance coming from the vehicle motorized accessories have now a 

significant impact on the noise perceived inside the automotive interior [2]. Among these, a gear motor 

equips each door of newer automotive vehicles in order to allow driver to go up and down the window. 

The window-lift gear motor is one of these peripheral organs which may annoy and disturb the driver 

when it is often used at vehicle stop [3]. 

The window-lift gear motor studied herein consists of a DC motor and a worm gear (cf. Figure 1). Its 

housing is made of a steel stator which supports diametrically opposed ferrites generating a permanent 

magnetic field, and a plastic part which supports the cage supporting two metal-graphitic brushes 

supplying electrical power to the rotor. The housing is attached to the door of the automotive vehicle at 

three fixation points. The rotor is guided by a front, a center and a rear journal bearings. It consists of a 

shaft on which coils are wound (number of coils: 𝑁 = 10) and connected to the 𝑁 blades of a rotating 

commutator. When the current flows in the coils positioned within the magnetic field, tangential 

(Lorentz) and radial (Maxwell) electromagnetic forces are created. The tangential forces generate the 

input torque allowing the rotating motion of the rotor. A worm is machined in the steel rotor, between 

the front and the center journal bearings. It is designed such as the mesh frequency  𝑓𝑚 is equal to the 

rotor frequency  𝑓𝑟. It meshes with a polyoxymethylene (POM) helical gear wheel in order to reduce the 

rotation velocity and increase the output torque (number of gear teeth: 𝑍 = 73, worm gear ratio 1: 73). 

The axial component of the mesh force is taken up by two curved pads acting as axial stops and mounted 



at each of the rotor ends. Finally, the gear wheel goes up and down the window depending on the 

direction of rotation of the window-lift motor, via a mechanical clutch connected to a drum and cables 

mechanism. Under standard operating conditions, the motor operates in open loop mode. A constant 

voltage is applied (14.5 V). The rotor velocity first increases briefly until reaching almost 6500 rpm, 

then remains constant during approximately 4 seconds, and then decreases in a short time when the 

voltage is removed. The output torque is nearly equal to 3 N.m. 

Under operating conditions, various mechanical and electromagnetic phenomena generate excitation of 

the window-lift gear motor. They induce vibration and noise radiated by the gear motor housing itself, 

as well as dynamical forces transmitted to the door which can also radiate inside the automotive interior. 

The following excitation sources have been identified: 

- The sliding contacts between worm and gear surfaces and between rotor/stator surfaces at the three 

journal bearings and the two axial pads generate broadband friction noise [4].  

- At contacts between brushes and rotating commutator, (1) the sliding contact between surfaces of the 

brushes and the commutator also generates broadband friction noise, (2) some mechanical shocks occur 

when brushes come into contact with the commutator blades edges, and (3) commutation arcs occur 

when brushes lose contact with the blades [5]. The fundamental frequency characterizing the mechanical 

shocks and the commutation arcs is the harmonic H10.  

- The fluctuation of the input electrical current at the contact between commutator and brushes and the 

periodic motion of the rotating coils through the permanent magnetic field generate periodic fluctuation 

of radial and tangential electromagnetic forces. Radial forces directly excite the steel housing of the 

stator [6]. Tangential forces and corresponding input torque are transmitted to the stator through the 

worm gear helical contact, the journal bearings and the axial pads. The fundamental frequency 

characterizing the periodic fluctuation of tangential and radial forces is the harmonic H10. 

- Shaft misalignment and mechanical imbalance induced by the asymmetry of the rotor are responsible 

for radial forces transmitted to the stator through the journal bearings and the axial pads [7, 8]. The 



fundamental frequency characterizing the periodic fluctuation of tangential and radial forces is the 

harmonic H1. 

- The meshing between the worm and the gear wheel is the source of an internal excitation corresponding 

to the static transmission error (STE) fluctuation. STE corresponds to the difference between the actual 

position of the driven gear and its theoretical one [9]. Its characteristics depend on the instantaneous 

locations of the meshing tooth pairs resulting from tooth deflections and manufacturing errors. 

Furthermore, the gear mesh stiffness fluctuation associated with STE generates a parametric excitation 

of the mechanical system [10]. Under operating conditions, the internal excitation due to the meshing 

process is the origin of dynamic gear loads which are transmitted to the stator via the gear wheel body, 

the rotor, the journal bearings and the axial pads [10]. The fundamental frequency characterizing the 

worm gear mesh internal excitation is the harmonic H1. 

- Manufacturing and mounting errors of the gear wheel are responsible for an eccentricity defect. This 

generates an additional component to the static transmission error STE(t) at a frequency corresponding 

to the rotation frequency of the wheel (H1/73). 

The contribution of some excitations sources to the vibroacoustic behavior of the gear motor has been 

previously studied. From experiments performed with several window-lift gear motors, Diop [11] 

showed that the weight of the tonal, compared with the broadband noise, is more than 80 % of the 

dynamic response in the frequency range [0-6 kHz]. Furthermore, in the same article, the weight of the 

sources taking place at the brushes/commutator interfaces (friction noise, mechanical shocks, 

commutation arcs) has been studied using a specific test bench which allowed the remove of them one 

after the other. Dupont [12] proposed a simulation methodology to calculate the noise of an electrical 

motor generated by the radial (Maxwell) electromagnetic forces applied to the stator. First, time and 

space evolution of the radial magnetic forces is estimated using a 2D finite element model and an 

electromagnetic field simulation software. Then, the excitation is projected onto the 3D stator structural 

finite element model in order to calculate its dynamic response. Hamzaoui et al. [13, 14] proposed to 

describe the vibraocoustic response of a rotor on bearings system taking account of several defects such 

as misalignment and mechanical imbalance. For this, a set of equivalent point sources is defined and 



placed on the structure surface to estimate the radiated noise. Concerning excitation sources generated 

by the meshing process, Tavakoli et al. [15] and Rigaud et al. [16] proposed a modelling of the gear 

teeth contact allowing evaluation of static transmission error and mesh stiffness periodic fluctuations. 

The methodology was then extended to the worm gear mesh [17, 18]. Prediction of the whining noise 

induced by these excitations was performed by Rigaud [10] and Carbonelli [19] from solving the 

parametric equations of motion describing the system dynamic response. Models of the overall dynamic 

response should also consider potential coupling between the different excitation sources. For this 

purpose, Dupont et al. [12] analyzed effect of static and dynamic rotor eccentricity on the radial magnetic 

excitation and the noise radiated by an automotive electric motor. Taking account of the dynamic 

eccentricity generated by misalignment leads to an enrichment of the excitation by additional 

components that combine the initial electromagnetic frequencies and the rotation frequency of the rotor. 

This article presents a numerical approach for differentiating and prioritizing the main excitation sources 

of the window-lift gear motor that are modelled beforehand, in particular the fluctuations of the radial 

(Maxwell) electromagnetic forces, the electromagnetic input torque applied to the rotor, the static 

transmission error and the mesh stiffness associated with the worm gear system, as well as the rotor 

mechanical imbalance and the gear wheel eccentricity.  

The first part describes the modelling of the different excitation sources. The second part describes the 

parametric equation of motion with periodic coefficients, the finite element modelling of the electric 

window-lift gear motor performed to compute its modal basis and the computing of its dynamic response 

using an iterative spectral method. The simulation results are compared with experimental ones obtained 

from a test bench designed and built in order to analyses the vibroacoustic response of the window-lift 

gear motor. They are analyzed to identify the frequency content and the amplitude of the dynamic 

response, and compared in order to assess the relative weight of the studied excitation sources and their 

contribution to the vibroacoustic behavior of the gear motor. 

  



2. Modelling of the excitation sources 

2.1 Electromagnetic forces 

The fluctuations of the electromagnetic forces are computed using the electromagnetic field simulation 

software Maxwell©. A 2D finite element modelling of the coils and their armature, the ferrites and the 

air gap is performed in order to evaluate the electromagnetic field in steady state operating condition 

under the following assumptions. The 10 coils have the same resistance and show no asymmetry. The 

rotor motion is perfectly centered with respect to the magnetic field generated by the ferrites. There is 

no iron loss (due to the hysteresis of the ferromagnetic material) and no friction. The line resistance is 

equal to 0.15 Ω and the applied voltage is equal to 14.5 V. 

The numerical simulation performed allows computation of the spatial distribution of the radial and 

tangential magnetic fields 𝐵𝑅(𝑡) and 𝐵𝑇(𝑡) in the air gap (between 0 and 360°), for different successive 

rotor positions describing 1/10th of a rotation (see Figure 2). The magnetic fields have two major 

corrugations related to the angular position of the two ferrites and ten minor corrugations associated 

with the instantaneous angular position of the coils. The maximum flux is obtained when the coils 

median plane coincides with the ferrite median plane. The instantaneous normal and tangential stresses 

𝜎𝑛(𝑡) and 𝜎𝑡(𝑡) of the Maxwell tensor (Maxwell and Lorentz pressures), corresponding to the surface 

densities of the radial and tangential forces are then estimated from the preceding magnetic fields 𝐵𝑅(𝑡) 

and 𝐵𝑇(𝑡): 

𝜎𝑛(𝑡) =
𝐵𝑅(𝑡)2 − 𝐵𝑇(𝑡)2

2𝜇0
 

𝜎𝑡(𝑡) =
𝐵𝑅(𝑡)𝐵𝑇(𝑡)

𝜇0
 

with 𝜇0 the vacuum permeability (4𝜋.10-7m.kg.s-2.A-2). 

On the one hand, time and space evolution of the radial electromagnetic forces is projected onto the 3D 

steel stator structural finite element model according to a procedure similar to the one proposed by 

Dupont [12]. For each angular position of the air gap, the Fourier transform of the time evolution of the 



surface density of the radial forces allows computation of the complex spectrum of the normal forces 

applied on the steel stator of the gear motor. The first three components are retained, corresponding to 

the harmonics H10, H20, and H30 of the rotor frequency. For each harmonic, the normal forces are then 

applied to the nodes of the model finite elements corresponding to the radial surface of the stator using 

a procedure which transpose the results from the electromagnetic mesh of the air gap (2D) on the 

corresponding nodes of the mesh finite elements of the stator (3D). The force distribution is assumed to 

be uniform over the length of the coils. 

On the other hand, the tangential electromagnetic forces generate the input torque 𝑇(𝑡) evaluated from 

the following equation: 

𝑇(𝑡) = 𝑅 ∫ 𝜎𝑡(𝑡)𝑑𝑆 

with 𝑅 the coils radius. 

Figure 3 displays the time evolution and amplitude spectrum of the input torque for the standard 

operating regime (6500 rpm). 

2.2 Mechanical imbalance 

The imbalance of the rotor is measured at the output of the production line, once the coils and the rotating 

collector are mounted. The rotor is then rebalanced by removing material from machining a flattened 

surface on the armature of the coils. The angular position and the depth of the flat are calculated in order 

to limit the final amplitude of the imbalance to a value lower than the following value: 

𝑚𝑅 < 8.10−7𝑘𝑔. 𝑚 

The mechanical imbalance of the rotor is then modelled using a rotating force at the center of the coils 

whose frequency corresponds to harmonic H1 of the rotor frequency and amplitude is proportional to 

the square of the rotor velocity. The two radial components are described below: 

𝐹𝑦 = 𝑚𝑅𝜔2cos (𝜔𝑡) 

𝐹𝑧 = 𝑚𝑅𝜔2sin (𝜔𝑡) 



2.3 Static transmission error STE(t) and mesh stiffness fluctuations k(t) of the worm gear 

system 

The calculation of the static transmission error (STE) is well known. It is based on the resolution of the 

equation describing the static contact between the gear teeth (see for example Tavakoli et al. [15] and 

Rigaud et al. [16]). For a given load 𝐹 applied to the worm gear contact, static transmission error is 

calculated for a set of successive positions 𝜃 of the driving wheel, in order to evaluate its periodic time 

evolution. For each angular position 𝜃 of the driving wheel, a kinematic analysis of gear mesh allows 

the location of contact line for each loaded tooth pair. The contact line is discretized in order to introduce 

the compliance matrix 𝐇 that links the displacements to the applied forces at the discrete points. In the 

particular case of worm gear used in the gear motor, the worm teeth machined in the steel rotor (Young 

modulus=210 GPa) have much greater stiffness than the plastic wheel teeth (POM, Young 

modulus=1 GPa). Hence, only the compliance of the gear wheel is taken into account. It is calculated 

from a thick plate model using a Reissner-Mindlin theory [20] where the variable thickness ℎ(𝑥) of the 

plate corresponds to the tooth thickness [21]. The Hertz deformation is also added in the compliance 

matrix 𝐇. The vector 𝐞 describes the initial distance from the gear surface to the pinion surface, induced 

by manufacturing errors and parallelism errors which result from elasto-static deformation of the gear 

motor. For each position 𝜃 over a meshing period, the resolution of the contact equations leads to the 

evaluation of STE 𝛿(𝜃) and load distribution 𝐏 along the contact line. Contact equation can be written 

as follows: 

{
𝐇. 𝐏 = (). 𝟏 − 𝐞

 𝒕𝟏. 𝐏 = 𝐹
 

under the following constraints: 

{
𝐇. 𝐏 + (). 𝟏 ≤ 𝐞

𝑃𝑖 ≥ 0
 

For each of the successive positions 𝜃 of the driving wheel, the mesh stiffness 𝑘(𝜃) is defined as the 

derivative of the transmitted load 𝐹 relative to STE: 



𝑘(𝜃) =
∂𝐹

∂𝛿(𝜃)
 

The mesh stiffness is evaluated for the set of successive positions 𝜃 of the driving wheel, in order to 

evaluate its periodic time evolution. Figure 4 displays the time evolution and amplitude spectrum of the 

static transmission error and mesh stiffness fluctuation generated by the meshing process. The first five 

components are retained, corresponding to the harmonics H1 to H5 of the rotor frequency. 

2.4 Gear wheel eccentricity 

Eccentricity is modelled using an additional component to the static transmission error spectrum. The 

corresponding frequency is the wheel rotation frequency (H1/73 because of the worm gear ratio), and 

the amplitude (40 µm) is derived from the manufacturing and assembly tolerances. 

3. Computing of the gear motor dynamic response 

The dynamic response of a gear system is usually described in the frequency modal domain. The solution 

is projected onto the modal basis determined from the average mass and stiffness characteristics of the 

system. The first subsection of this paragraph presents the parametric equation of motion of the 

discretized gear system. The second subsection presents structural finite element modelling of the 

electric window-lift gear motor performed in order to obtain its modal basis. The third subsection 

presents the computing of its dynamic response using an iterative spectral method which takes account 

of the coupling phenomena between the mesh stiffness fluctuation and the other excitation sources of 

the kinematic chain. The last subsection presents indicators of particular interest, that is to say spatial-

average mean-square velocity of the gear motor housing and global dynamic force transmitted to the 

supporting structure. 

3.1 Parametric equation of motion 

For a stationary regime, the dynamic behavior of the discretized gear motor is described by a parametric 

equation of motion with periodic coefficients. It can be written in the following matrix form: 

𝐌𝐅𝐄�̈�(𝑡) + 𝐂�̇�(𝑡) + 𝐊𝐅𝐄𝐱(𝑡) + 𝑘(𝑡)𝐑𝐑𝐓𝐱(𝑡) = 𝑘(𝑡)𝐑𝐑𝐓𝒙𝒔(𝑡) + 𝑭(𝑡) 



 𝐱 is a vector (1 x n) representing the generalized coordinates used to describe the motion of the system 

discretized in n degrees of freedom. 𝐌𝐅𝐄 and 𝐊𝐅𝐄 are the mass and stiffness matrices (n x n) provided 

by the finite element method, (without the elastic coupling between the worm and the gear wheel (see 

3.2). 𝐂 is a viscous damping matrix defined a posteriori through equivalent modal damping coefficients. 

In steady state operation, the mesh stiffness 𝑘(𝑡) is a periodic function of time. The corresponding 

parametric excitation is introduced by the term 𝑘(𝑡)𝐑𝐑𝐓𝐱(𝑡) which couples the 12 degrees of freedom 

describing the dynamic responses of the worm and the driven wheel centers. Vector 𝐑 (1 x 12) is 

associated with the worm gear geometry. The term 𝑘(𝑡)𝐑𝐑𝐓𝒙𝒔(𝑡) represents the static transmission 

error excitation projected on the degrees of freedom of the worm and the driven wheel centers. The 

vector 𝑭(𝑡) (1 x n) is the generalized force vector associated with the other excitations. 

The equation of motion can be projected onto the modal basis of the discretized gear motor as follows 

[22]: 

𝐦�̈�(𝑡) + 𝐜�̇�(𝑡) + 𝐤𝐪(𝑡) + 𝑔(𝑡)𝐝𝐪(𝑡) = 𝐬(𝑡) 

Assuming that the p first modes are retained, 𝐦, 𝐜 and 𝐤 are the usual modal mass damping and stiffness 

diagonal matrices (p x p), 𝐪 is the modal coordinates vector (1 x p), 𝑔(𝑡) is the centered mesh stiffness 

periodic fluctuation, 𝐝 is a non-diagonal matrix (p x p) introduced by the parametric excitation which 

couples up the equations of motion, 𝐬(𝑡) is the modal generalized force vector (1 x p). 

3.2 Finite element modelling of the electric window-lift gear motor 

The electric window-lift gear motor is modelled using the finite element method in order to compute its 

modal basis. The steel stator is discretized using shell elements with 4 nodes and 6 degrees of freedom 

per node. The plastic part of the housing, the ferrites, the bearings supports, the elastomeric seal and the 

cage supporting the brushes are discretized using 3D structural solid elements with 8 nodes and 3 degrees 

of freedom per node. The rotor is discretized using beam elements with 2 nodes and 6 degrees of freedom 

per node. The additional components (coils, collector) and the gear wheel are modelled by added mass 

and inertia elements. Finally, the model is about 60000 elements and 400000 degrees of freedom. The 

size of elements has been chosen mainly to describe the geometric complexity as well to ensure 



convergence of the solution. For each of the sub-assemblies (steel stator, plastic part and rotor), the 

results of modal analysis are not affected by changing the mesh refinement. 

An experimental modal analysis under free-boundary conditions has been performed for the steel stator, 

the plastic part and the rotor, in order to adjust parameters of the structural finite element model such as 

the stator average thickness, the plastic part Young modulus and the masses and inertia added to the 

rotor. Differences between experimental and numerical first natural frequencies of the sub-assemblies 

are less than 2%. 

The elastic coupling between the rotor and the housing is modelled using radial stiffness elements for 

the three journal bearings (front, center and rear) and axial stiffness elements for the two axial stops 

(front and rear). The elastic coupling between the worm and the gear wheel is modelled using a 12x12 

stiffness matrix which couples the 6 degrees of freedom of the node corresponding to the wheel center 

to the 6 degrees of freedom of the rotor node corresponding to the worm center [10]. This matrix is 

defined from the geometrical characteristics of the worm gear and the mean value of the mesh stiffness. 

The modal analysis of the gear motor shows a low number of eigenvalues due to the compactness of the 

structure (80 modes in the frequency range [0; 10 kHz], in addition to the rigid body mode corresponding 

to the input/output law of the gear motor, that is to say rotation of the rotor and the gear wheel with a 

ratio 1:73). The main meshing mode frequency involving the mesh stiffness is about 4 kHz. In the 

operating range of the gear motor (0-8000 rpm, i.e. 0-133 Hz), amplification of the dynamic mesh force 

due to the resonant excitation of this mode by the mesh frequency and its first harmonics [23] never 

appends. 

3.3 Resolution of the equation of motion using the spectral iterative method 

The use of time discretization methods leads to prohibitive calculation times when a discretization over 

a long period is required for low frequency excitation and a fine time step is required for high frequency 

excitation. So that, parametric equation of motion is solved using the spectral and iterative method. The 

method is described in details in [22]. The main principles are the followings. The first one is to solve 

the coupled equations of motion in the spectral domain, keeping only the steady-state response of the 



system (assuming a sufficient damping to ensure asymptotic stability, the free response is a decreasing 

exponential). The second one is to condense the coupled equations on the worm and gear wheel degrees 

of freedom in order to explicit the dynamic transmission error. The third one is to compute the solution 

according to an iterative scheme. The Fourier transform of the modal coordinate vector is then deduced. 

Finally, the spectrum of the vibratory response (amplitude and phase) at any degree of freedom of the 

discretized system is obtained, going back to the physical basis. The spectral iterative method allows 

solving of large systems of periodic differential equations with minimal computation times.  

3.4 Spatial-average mean-square velocity of the gear motor and global dynamic force 

transmitted to the supporting structure 

Among all the dynamic responses, the following indicators are of particular interest. First, the acoustic 

power radiated from the gear motor is: 

𝑎𝑐 =  𝜌0𝑐0𝑆𝜎𝑟𝑎𝑑 < 𝑉2̅̅̅̅ >𝑠 

𝜌0 is the air density, 𝑐0 is the velocity of sound in the air, 𝑆 is the radiating surface of the gear motor, 

𝜎𝑟𝑎𝑑(𝜔) is the radiation factor. < 𝑉2̅̅̅̅ >𝑠 is the spatial-average mean-square velocity of the radiating 

surface. It is deduced from the component of the vibratory response �̇�(𝑡) normal to the surface at each 

degree of freedom of the housing [24]: 

< 𝑉2̅̅̅̅ >𝑠=
1

𝑆
∫ �̇�𝟐(𝑡)̅̅ ̅̅ ̅̅ ̅𝑑𝑠

𝑆

 

Finally, the acoustic power radiated from the gear motor is estimated assuming a unit radiation factor 

from 𝜌0𝑐0𝑆 < 𝑉2̅̅̅̅ >𝑠. 

Second, an equivalent global dynamic force 𝐹𝑡 transmitted to the supporting structure by the gear motor 

is introduced from the set of reaction forces 𝐹𝑥, 𝐹𝑦 and 𝐹𝑧 at the three fixation points as follows: 

𝐹𝑡 = ∑ √𝐹𝑥𝑖
2 + 𝐹𝑦𝑖

2 + 𝐹𝑧𝑖
2

3

𝑖=1

  

It can be at the origin of the acoustic radiation of the vehicle door and therefore have a direct impact on 

the noise perceived inside the passenger compartment. 



The level (in dB) of the spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵) and the equivalent global 

dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵) are calculated as follows: 

𝐿𝑆𝑉2(𝑑𝐵) = 10 log (
𝜌0𝑐0𝑆 < 𝑉2̅̅̅̅ >𝑆

𝑟𝑒𝑓
) 

𝐿𝐹𝑡(𝑑𝐵) = 10 log (
𝐹𝑡

𝐹𝑟𝑒𝑓
) 

with reference values 𝐹𝑟𝑒𝑓 = 1 𝑁 and 𝑟𝑒𝑓 = 10−12 𝑊𝑎𝑡𝑡𝑠 (reference value used to estimate the 

radiated sound power). 

Figures 5 and 6 display the spectrograms of the spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵) and the 

equivalent global dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵) for different operating regimes in the range [0 - 

8500 rpm] and the associated amplitude spectrum of the dynamic responses (in physical units) for the 

standard operating regime (6500 rpm).  

The following excitations are considered: 

- radial electromagnetic forces (Maxwell pressures) applied to the steel stator (a), (f), 

- electromagnetic input torque fluctuation (b), (g), 

- mechanical imbalance (c), (h),  

- static transmission error (d), (i), 

- gear wheel eccentricity (e), (j). 

Figure 7 displays the evolution of the root mean square value of the dynamic responses versus operating 

regime. 

4. Experimental test bench and measurement protocol 

A test bench has been designed and built in order to measure the vibroacoustic response of the window-

lift gear motor (cf. Figure 8). This one is mounted on a rigid and compact frame at the three points 

corresponding to its fixation points. An output shaft driven by the gear wheel is connected to a magnetic 

powder brake by a mechanical coupling. The load applied by powder brake is measured thanks to a 

torque meter. The kinematic chain is guided in rotation by rolling bearings. The output gear motor 



rotation speed is measured thanks to a speed meter fixed to the end of the output shaft. The window-lift 

gear motor is energized thanks to an electrical supply system. The test bench is controlled using a 

specific software. Tests are performed for an output torque equal to 3 N.m corresponding to the load 

usually required to translate the window and for different operating regimes. First, the input rotation 

speed linearly increases from 0 to 6500 rpm. Test duration is 60 s. Then, the standard stationary regime 

(6500 rpm) is maintained during 10 s. The vibroacoustic response of the window-lift gear motor is 

characterized using the following instrumentation. The vibratory response is measured thanks to a 

piezoelectric accelerometer glued on the outer face of the plastic housing close to the 

brushes/commutator contacts. It has been previously demonstrated that this accelerometer location 

allows for acquiring a signal level representative of the overall gear motor vibroacoustic response [11]. 

Complementary vibratory responses can be performed thanks to a laser vibrometer. Sound pressure is 

measured thanks to a 1/4 in microphone placed at 70 mm of the gear motor. The normal and transversal 

forces at the fixation points are measured thanks to two monoaxial and one triaxial piezoelectric force 

transducers. Time evolutions of signals are recorded using a multi channels acquisition card and post 

processed. The sampling frequency is 44.1 kHz. Figure 9 displays the amplitude spectrum of the 

reference acceleration during the standard operating regime (6500 rpm) (Figure 9a) and the spectrogram 

during the increasing sweep (Figure 9b). 

5. Results and discussion 

The spectrograms of the numerical dynamic response show components corresponding to the harmonics 

of the excitation spectra considered: H1/73 for the gear wheel eccentricity, H1 for the mechanical 

imbalance, H1, H2, H3, etc. for the static transmission error, H10, H20, H30 for the electromagnetic 

radial forces and input torque fluctuation. The parametric equation of motion leads to a coupling of the 

mesh stiffness fluctuation with the other excitation sources. The coupling with the gear wheel 

eccentricity generates a frequency enrichment of the dynamic response which results in the presence of 

lateral components around harmonics of the mesh frequency (H11/73, H21/73, ..., H51/73). The 

coupling with mechanical imbalance and mesh stiffness is negligible and does not generate any 



significant new component. The coupling with the static transmission error results in a modification in 

the amplitude of the components multiple of the mesh frequency (H1, H2, etc.). Finally, the coupling 

with the electromagnetic input torque generates a frequency enrichment of the dynamic response, which 

results in the presence of numerous lateral components (H101, H102, etc., H201, H202, etc.). The 

amplitude of the lateral components arising from the coupling with the mesh stiffness fluctuation is 

generally less than that of the main components. They are thus not very involved in the overall amplitude 

of the vibroacoustic response. Nevertheless, they are at the origin of modulation phenomena which 

noticeably modify the sound quality of the noise radiated directly by the gear motor or indirectly by the 

supporting structure to which the forces are transmitted at the fixation points. Consequently, they may 

have a significant impact on the user feelings. 

Some amplification peaks of the dynamic response are observed. They correspond to the resonant 

excitation of some natural modes of the gear motor. For example, considering the electromagnetic radial 

forces, harmonic H10 leads to a resonant excitation of the third mode (640 Hz, modal shape 

corresponding to a twist deformation of the plastic part of the housing) at 3860 rpm. No significant 

amplification peaks were observed in the range of standard stationary operating speeds (6000-

8000 rpm). On the other hand, considering mechanical imbalance, harmonic H1 leads to a resonant 

excitation of the first mode (95 Hz, modal shape deformation mainly localized at the steel stator) at 

5800 rpm, that is in the vicinity of the standard stationary operating regime of the gear motor. 

Figure 7a allows the comparison between the spatial-average mean-square velocity < 𝑉2̅̅̅̅ >𝑠 induced 

by the different excitation sources considered. < 𝑉2̅̅̅̅ >𝑠 is mainly generated by the electromagnetic 

radial forces between 0 and 4500 rpm and then by the rotor mechanical imbalance above 4500 rpm, 

corresponding to the standard operating regimes range. The level generated by the static transmission 

error is of a secondary order. The ones generated by the input torque fluctuation and by the gear wheel 

eccentricity fault are much lower than the other contributions throughout the operating regime range, 

despite the spectral enrichment generated by the coupling with the mesh stiffness fluctuation (-30 dB 

compared to that generated by the electromagnetic radial forces and mechanical imbalance). Assuming 

a unit radiation factor, < 𝑉2̅̅̅̅ >𝑠 corresponds to a maximum radiated sound power level equal to 74 dB 



at 5800 rpm. The level observed at the steel stator surface is greater than that observed at the plastic part 

of the housing, whether it is generated by electromagnetic radial forces or by the mechanical imbalance. 

This result is confirmed by experimental measurements. < 𝑉2̅̅̅̅ >𝑠 reaches 1 (mm/s)² for the regime 

corresponding to a resonant excitation of the first mode (95 Hz) by the mechanical imbalance, which is 

also in good agreement with the experimental measurements [25]. 

It is observed that the response generated by imbalance is located at low frequency (H1, 0-133 Hz), 

whereas that generated by the static transmission error (H1-H5, 0-666 Hz) and by the electromagnetic 

radial forces (H10, H20, H30, 0-4000 Hz) are located at higher frequencies. An A-weighting similar to 

that used in acoustics (IEC 61672-1 standard) is introduced to take account of the auditory sensitivity of 

the observer for each frequency band. Conclusions obtained are different (see figure 7b): the spatial-

average mean-square velocity and consequently the radiated sound power are mainly generated by the 

electromagnetic radial forces between 0 and 5500 rpm. Assuming a unit radiation factor, the 

corresponding maximum radiated sound power level is equal to 63 dBA at 3800 rpm. Beyond 5500 rpm, 

the weights of electromagnetic radial forces, rotor mechanical imbalance and worm gear static 

transmission error are of the same order of magnitude. The effective value for the overall spatial-average 

mean-square velocity corresponds to a radiated sound power level ranging between 53 dBA and 56 dBA, 

which is in good agreement with the experimental measurements [25]. 

Figure 7c allows the comparison between the equivalent global dynamic forces 𝐹𝑡 transmitted to the 

supporting structure and induced by the different excitation sources considered. In the absence of gear 

wheel eccentricity fault, 𝐹𝑡 is generated mainly by the static transmission error between 0 and 3000 rpm. 

It is generated mainly by electromagnetic normal forces between 3500 and 4500 rpm. It is mainly 

generated by the rotor mechanical imbalance around 5800 rpm, due to the resonant excitation of the first 

mode (95 Hz). In the vicinity of the standard stationary operating regime range (6000-8000 rpm), the 

weights of electromagnetic radial forces, rotor mechanical imbalance and worm gear static transmission 

error are of the same order of magnitude. The contribution of the engine torque fluctuation is much 

lower than the other contributions throughout the operating regimes range. The effective value for the 

overall equivalent global dynamic force is 𝐹𝑡 = 5 𝑁 (𝐿𝐹𝑡 = 5.3 𝑑𝐵). Simulations performed show that 



the normal forces and the tangential forces are of the same order of magnitude. These results are in good 

agreement with the experimental measurements when the gear wheel rotation frequency is filtered. 

Taking into account the gear wheel eccentricity generates an added contribution to Ft at very low 

frequency (H1/73). Its effective value is 𝐹𝑡 = 9.3 𝑁 (𝐿𝐹𝑡 = 9.7 𝑑𝐵). This result is also in good 

agreement with the experimental measurements [25]. 

Conclusion 

In this study, a numerical analysis was performed in order to predict the vibroacoustic response of an 

electric window-lift gear motor due to excitation sources such as electromagnetic radial forces and input 

torque fluctuation, rotor mechanical imbalance, worm gear static transmission error and stiffness 

fluctuation and gear wheel eccentricity. A structural finite element model of the gear motor was built 

and model parameters were adjusted in order to make similar numerical and experimental modal 

analysis. An iterative spectral method has been used to solve the parametric equations of motion and to 

calculate the vibroacoustic response of the system taking account of the coupling phenomena between 

the mesh stiffness fluctuation and the other excitation sources of the kinematic chain. 

The spectrograms of the dynamic response show components corresponding to the harmonics of the 

excitation spectra considered: H1/73 for the gear wheel eccentricity, H1 for the mechanical imbalance, 

H1, H2, H3, etc. for the static transmission error, H10, H20, H30 for the electromagnetic radial forces 

and input torque fluctuation. The coupling of mesh stiffness with other excitation sources results in a 

modification of the mesh frequency harmonics amplitude and generates a frequency enrichment of the 

dynamic response characterized by lateral components around harmonics of the mesh frequency and 

around harmonics associated with the input torque fluctuation. The lateral components contribute little 

to the overall level of the vibroacoustic response but they may have a significant impact on its nature 

and the quality of the noise radiated directly by the gear motor or indirectly by the supporting structure 

to which the forces are transmitted at the fixation points. 

Finally, torque fluctuations and the gear wheel eccentricity are secondary sources to the vibroacoustic 

radiation of the gear motor. When an A-weighting is used, the spatial-average mean-square velocity of 



the gear motor radiating surface is mainly generated by electromagnetic radial forces applied to the steel 

stator between 0 and 5500 rpm. Assuming a unit radiation factor, it corresponds to a maximum radiated 

sound power level of 63 dBA. Beyond 5500 rpm, the weight of the electromagnetic radial forces, the 

rotor mechanical imbalance and the worm gear static transmission error is of the same order of 

magnitude. The effective value for the spatial-average mean-square velocity corresponds to a radiated 

sound power level of the order of 55 dB in good agreement with the experimental measurements. 

On the other hand, for the standard stationary operating regime range of the gear motor (6000-8000 

rpm), the gear wheel eccentricity generates a high amplitude force transmitted to the supporting structure 

at very low frequency, which adds to the transmitted force generated in an equivalent manner by 

electromagnetic radial forces, mechanical imbalance and static transmission error. A collaborative work 

with car manufacturers would make possible to calculate the transmitted forces not by considering the 

embedded fixation points but taking into account the mechanical impedance of the supporting structure. 

Furthermore, the predictive calculation of the vibroacoustic behavior of the door could be useful to 

evaluate the overall noise generated in the passenger compartment by the gear motor. 
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Figure Captions List 

Fig. 1: Window-lift gear motor. Steel (1) and plastic housings (11) – permanent magnet (2) – carbon 

brushes (6) – rear (4), center (7) and front bearings (9) – fixation points (12) – coils (3) – commutator 

(5) – worm (8) – gear wheel (10). 

Fig. 2: Radial (a) and tangential (b) magnetic fields 𝐵𝑅 and 𝐵𝑇 along the circumference of the air gap 

(abscissa) for different successive positions of the rotor (ordinate) for the standard operating regime 

(6500 rpm). 

Fig. 3: Time evolution (a) and amplitude spectrum (b) of the input torque 𝑇(𝑡) for the standard operating 

regime (6500 rpm). 

Fig. 4: Time evolution and amplitude spectrum of static transmission error STE 𝛿(𝑡) (a-b) and mesh 

stiffness fluctuation 𝑘(𝑡) (c-d). 

Fig. 5: Spectrograms of the spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵) in the range [0 - 8500 rpm] 

(a-e). Amplitude spectra of < 𝑉2̅̅̅̅ >𝑠 for the standard operating regime (6500 rpm) (f-j). 

(a), (f) - Radial electromagnetic forces (Maxwell pressures) applied to steel stator  

(b), (g) - electromagnetic input torque fluctuation  

(c), (h) - mechanical imbalance  

(d), (i) - static transmission error  

(e), (j) - gear wheel eccentricity  

Fig. 6: Spectrograms of the dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵) in the range [0 - 8500 rpm] (a-e). 

Amplitude spectra of 𝐹𝑡 (N) for the standard operating regime (6500 rpm) (f-j). 

(a), (f) - Radial electromagnetic forces (Maxwell pressures) applied to steel stator  

(b), (g) - electromagnetic input torque fluctuation  

(c), (h) - mechanical imbalance  

(d), (i) - static transmission error  

(e), (j) - gear wheel eccentricity  



Fig. 7: RMS value of the dynamic response versus operating regime. Excitations considered: normal 

electromagnetic forces (xx), electromagnetic input torque fluctuation (○○), mechanical imbalance (■■), 

static transmission error (++), gear wheel eccentricity (◊◊), overall response (___). 

(a) RMS value of spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵). 

(b) RMS value of spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵𝐴). 

(c) RMS value of the dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵). 

Fig. 8: Experimental test bench. Gear motor (1) – Reference accelerometer (2) - Flexible mechanical 

coupling (3) - Powder brake (4) - Torque meter (5) – Speed meter (6). 

Fig. 9: Amplitude spectrum of the reference acceleration for the standard operating regime (6500 rpm) 

(a) and spectrogram during an increasing sweep (0-7000 rpm) (b). 

  



Figures captions 

 

Fig. 1: Window-lift gear motor. Steel (1) and plastic housings (11) – permanent magnet (2) – carbon 

brushes (6) – rear (4), center (7) and front bearings (9) – fixation points (12) – coils (3) – commutator 

(5) – worm (8) – gear wheel (10). 

  



  



Fig. 2: Radial (a) and tangential (b) magnetic fields 𝐵𝑅 and 𝐵𝑇 along the circumference of the air gap 

(abscissa) for different successive positions of the rotor (ordinate) for the standard operating regime 

(6500 rpm). 

  



Fig. 3: Time evolution (a) and amplitude spectrum (b) of the input torque 𝑇(𝑡) for the standard operating 

regime (6500 rpm). 

  



Fig. 4: Time evolution and amplitude spectrum of static transmission error 𝛿(𝑡) (a-b) and mesh stiffness 

fluctuation 𝑘(𝑡) (c-d). 

  



 



Fig. 5: Spectrograms of the spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵) in the range [0 - 8500 rpm] 

(a-e). Amplitude spectra of < 𝑉2̅̅̅̅ >𝑠 for the standard operating regime (6500 rpm) (f-j). 

(a), (f) - Radial electromagnetic forces (Maxwell pressures) applied to steel stator  

(b), (g) - electromagnetic input torque fluctuation  

(c), (h) - mechanical imbalance  

(d), (i) - static transmission error  

(e), (j) - gear wheel eccentricity  



 



Fig. 6: Spectrograms of the dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵) in the range [0 - 8500 rpm] (a-e). 

Amplitude spectra of 𝐹𝑡 (N) for the standard operating regime (6500 rpm) (f-j). 

(a), (f) - Radial electromagnetic forces (Maxwell pressures) applied to steel stator  

(b), (g) - electromagnetic input torque fluctuation  

(c), (h) - mechanical imbalance  

(d), (i) - static transmission error  

(e), (j) - gear wheel eccentricity  

  



 

Fig. 7: RMS value of the dynamic response versus operating regime. Excitations considered: normal 

electromagnetic forces (xx), electromagnetic input torque fluctuation (○○), mechanical imbalance (■■), 

static transmission error (++), gear wheel eccentricity (◊◊), overall response (-----). 

(a) RMS value of spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵). 

(b) RMS value of spatial-average mean-square velocity 𝐿𝑆𝑉2(𝑑𝐵𝐴). 

(c) RMS value of the dynamic transmitted force 𝐿𝐹𝑡(𝑑𝐵).  



 

Fig. 8: Experimental test bench. Gear motor (1) – Reference accelerometer (2) - Flexible mechanical 

coupling (3) - Powder brake (4) - Torque meter (5) – Speed meter (6). 

  



 

Fig. 9: Amplitude spectrum of the reference acceleration for the standard operating regime (6500 rpm) 

(a) and spectrogram during an increasing sweep (0-7000 rpm) (b). 

 


