A framework for the design of rotating Multiple Tuned Mass Damper
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Abstract

The acoustic and vibratory analysis represent an essential research axis in the automotive industry because these phe-

nomena directly affect the appreciation of the customer when using a vehicle. Indeed, the combustion engine represents the
main source of mechanical energy but it generates an acyclic torque because of the explosions. This acyclism is responsible
for noise and vibration fatigue. To reduce NVH issues, a possible mean is to use a Multiple Tuned Mass Damper (MTMD)
adapted to rotating machine.
The purpose of this paper is to propose a framework for the design of this type of MTMD. To achieve this goal, an opti-
mization strategy is implemented in the non-rotating and rotating case to determine the optimal distribution of the MTMD
frequencies. It is based on the minimization of the elastic strain energy of the transmission chain near the torsion mode. In
addition, a dedicated reduced order method is proposed to reduce the calculation costs link to the modeling of the system
by the finite element method and the optimization process. However, conventional reduction order methods are not suitable
for this type of problem where the shape of the modes of the main structure and the MTMD are varying according to the
rotation speed. To overcome this problem, a multi-model approach is employed. Finally, the influence of the number of
absorbers composing the MTMD as well as the structural damping of the absorbers and their mass on the performance of
the optimal solution is presented in the non-rotating and rotating case.
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1 Introduction

Nowadays, the noise generated by the vehicle operation is one of the important criteria taken into account by car man-
ufacturers. Thus, many efforts have been made for several years to reduce the noise pollution produced by the various
components of the vehicle. The overall goal is to meet environmental standards that become more severe, but also to
improve the comfort of passengers within the vehicle. In most of the vehicle, the motor is the main source of mechanical
energy and noises. These noises are generated by the presence of motor acyclism. More specifically, this acyclism gener-
ates an oscillation of the speed of rotation of the crankshaft around a given speed which causes the occurrence of shocks
and noise. Hence, to reduce NVH issues, it is possible to use Multiple Tuned Mass Damper (MTMD) adapted to rotating
machines.

The use of MTMD consisting in a network of TMDs with natural frequencies distributed around the frequency to control is
a strategy to absorb vibration on a frequency range around this frequency of interest. The different possible distributions for
the eigenfrequencies of the MTMD have been the subject of numerous studies. Many studies consider multiple absorbers
with equally spaced eigenfrequencies [1,7,8,20,21]. The performance of MTMD with uniformly and linearly distributed
masses are compared in [9, 16]. Optimization methodologies have been used to increase the efficiency of MTMDs and
do not impose a specific profile distribution. Closed-form approximations of the TMD parameters are proposed using an
integral form of the impedance in [7], optimal design theories are investigated as the minimax optimization in [22], a spe-
cific optimal design theory is proposed in [11], and a gradient-based method with unconstrained variables is used in [12]. It
appears through all these studies that optimal frequency distribution can be found to ensure the vibration control. Moreover,
one can note that a particular frequency distribution characterized by a high modal density around the natural frequency of
the master structure allows to absorb nearly irreversibly the energy of the master structure [3,17].



On the other hand, the concept of absorber generally dedicated to rotating structures is commonly called order-tuned ab-
sorbers in the literature and allows, rather than being fixed to one and only frequency, to follow a particular motor rotation
order and to be effective for a whole speed range. This particular tuning is achieved by exploiting the centrifugal force
field [5] and this type of absorber has had some success in the field of rotating machines with applications on aircraft
engines [10], helicopter rotors [19], camshafts [4] and car engines [13]. In 2005, Shaw and Pierre propose, in [18], an
analytic study of the dynamic behavior of a flexible structure with 1 degree of freedom to which is fixed an order-tuned
impact absorber. In the same year, Olson, Shaw and Pierre [15] improve this work by generalizing them in the case of
cyclic symmetric structures such as bladed wheels.

This paper propose an optimal design methodology for a MTMD adapted to rotating machines instead of an order-tuned
absorber [18]. The studied case is shown Figure 1(a) and represents a simplified mechanical transmission chain. It is
composed of a main inertia fixed on a shaft link to the main frame by a pivoting link and an adapted mechanical coupling
part connecting this subsystem to a smaller inertia. The mechanical coupling part is designed in such a way that the first
mode of vibration of the whole system is a torsion mode (Figure 1(b)). A MTMD is used to reduce the vibration induced
by the first torsion mode. The retained geometry [14] is a set of blades as shown Figure 1(d) and the MTMD is attached to
the master structure at the end of the shaft (Figure 1(c)).
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Figure 1: Studied case : CAD of the main structure (a), first torsion mode of the main structure: displacement field from
FE computation (b), CAD of the main structure with the MTMD (c), and prototype of the MTMD [14] (d)

2 Optimization of a Multiple Tuned Mass Damper adapted to rotating frame

Modeling The Multiple Tuned Mass Damper (MTMD) attached to the main structure is composed of 30 blades and
each blade behaves like a dynamic vibration absorber. The Finite Element Method is used to model the whole structure
and accurately predict its physical behavior. Damping is introduced using a structural damping model for both the main
structure (1)) and the MTMD (7). In our case, the rotation speed of interest is fixed at ISOORPM and the only influencing
effect is the centrifugal force which is comparable to a prechage modifying the stiffness matrices. In this context, the
dynamic equation of the whole system in the frequency domain is written as,

—0*MU + (K(Q)+K)0 =F (1)

where K and M are respectively the complex stiffness and the real constant mass matrices of the whole structure including
the MTMD, K(Q) is a matrix that represents the influence of the centrifugal force, U is the complex displacement vector



and F is the excitation vector. The complex stiffness is written as,
K::(1+jns)Ks+(1+jnM>KM (2)

where K; is the stiffness matrix of the main structure and K, is the stiffness matrix of the MTMD. Then, to reduce
computational costs and perform the optimization of the MTMD it is possible to use a projection basis. Here, the stiffness
matrices vary according to the rotation speed and generate changes in MTMD eigenfrequencies and can also impact the
coupling between the blades. A way to take into account these parametric variations in a model order reduction is to use
a multi-model basis [2]. The multi-model approach allows to build a projection basis representative of the whole system
stiffening due to the rise of rotation speed. To create this multi-model basis, three different speeds are chosen and for each
of them a modal basis is extracted. It is important to choose the first speed equal to the speed of interest, here 1500RPM
and the two other basis are extracted at 0 and 3000RPM. A modified Gram-Schmidt ortho-normalization [6] is used to
concatenate these three basis in one multi-model basis P where,

P= (IDISOU q)O (1)3000 (3)
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The projected operators will be noted: m for the mass, k; for the master structure stiffness, ky for the MTMD stiffness and
kj, for the reduced stiffness matrix of the ith blade.

MTMD optimization at 1S00RPM The design variables chosen for the MTMD optimization problem are the stiffnesses
of the N blades. The structural damping of the main structure and the MTMD will be considered constants. The mass and
inertia of the MTMD are ten times lower than those of the master system. A coefficient ¢;(1 < i < N) is introduced for
each blade of the MTMD such that the reduced stiffness matrix is modified as follow,

N
kv =Y aikl @)
=1

i=
Different optimization objective functions can be defined, it is chosen here to minimize the elastic strain energy on the
frequency band around the resonant frequency of the torsion mode. It is defined as,

(w) = 4" (0)kg(w) )

where k; is the reduced elastic real stiffness matrix of the main structure at Q = 1500RPM and § the complex generalized
coordinate.§ is the Hermitian transpose of §. The optimization problem can thus be written as,
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where @, and o, represent the lower and upper bounds for the parameters, @y, and @y, define the lower and upper
bounds of the frequency band and IT is the mean value of the elastic strain energy on this frequency band.

Figure 2 presents the angular displacement ® of the main inertia when a varying harmonic torque 7 is applied on its lateral
surface with and without MTMD. In this simulation the MTMD is composed of 30 blades and it can be observed that the
MTMD significantly reduces the amplitude of the response on a wide range of frequencies around the frequency to control.
One can note the existence of an optimal loss factor for the MTMD (1 = 10%) that leads to a better attenuation efficiency.
In the case of rotating machines, the rigid body mode is no longer at 0Hz but higher in frequency because of the matrix
K(Q) which becomes a non-zero matrix. Moreover, as previously mentioned in the paper, the centrifugal force acts as a
precharge and thus modifies the shape of the static deformation.

3 Conclusion

This paper proposes a methodology to determine the optimal frequency distribution for a set of blades composing a Multiple
Tuned Mass Damper adapted to rotating frame in order to reduce the vibration induced by the first torsion mode of the main
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Figure 2: Rotation of the main inertia according to the frequency without and with MTMD at 1500RPM

structure. Each blade acts as a dynamic vibration absorber and its natural frequencies are controlled by a set of parameters
;. Theses parameters are determined thanks to an optimization method based on the minimization of the mean elastic
strain energy on a frequency band around the resonant frequency to control. The proposed methodology can be applied to
the case of rotating machines as shown in this paper. Rotating effects such as centrifugal force are taken into account in the
finite element model and the use of multi-model basis representative of the stiffness variation around the speed of interest

drastically reduce the computation cost of the optimization process. Hence, it is possible to design an optimal MTMD for
a given structure and speed as shown in Figure 2.
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